Based on experimental evidence collected in a set of twenty 700 MW hydrogenerators, this article shows that the operating conditions of large hydrogenerators journal bearings may have unpredictable and significant changes, without apparent reasons. These changes prevent the accurate determination of bearing dynamic coefficients and make the prediction of these machines dynamic behavior unfeasible, even using refined models. This makes it difficult to differentiate the normal changes in hydrogenerators dynamics from the changes created by a fault event. To overcome such difficulty, this article proposes a backto-basics step, the using of simplified mathematical models to assist hydrogenerators vibration monitoring and exemplifies this proposal by modeling a 700 MW hydrogenerator. A first model estimates the influence of changes in bearing operating conditions in the bearing stiffnesses, considering only the hydrodynamic effects of an isoviscous oil film with linear thickness distribution. A second model simulates hydrogenerators dynamics using only 10 degrees of freedom, giving the monitored vibrations as outputs, under normal operating conditions or in the presence of a fault. This article shows that simplified models may give satisfactory results when bearing operating conditions are properly determined, results comparable to those obtained by more refined models or by measurements in the modeled hydrogenerator.
Introduction
Due to the strategic importance of large hydrogenerators (LHG) and due to the potential risk of catastrophic failures [1] , the application of vibration-based condition monitoring to these machines is a real necessity. LHG are vertical rotating machines with a complex vibratory behavior [2] . As will be exemplified in the following sections, the operating and the boundary conditions of LHG journal bearings may experience unpredictable and significant changes, without apparent reasons. Due to this, the bearing dynamic coefficients cannot be determined with an adequate accuracy even by the most sophisticated mathematical models. Also, as a consequence, the dynamic behavior of LHG may have similar erratic and substantial changes, preventing satisfactory theoretical predictions even when using refined models. This complicates fault detection and fault diagnosis using pattern recognition approach [3, 4] , as it is difficult to differentiate the normal and typical changes in the dynamic behavior of these machines from those changes originated by the advent of a fault. Moreover, several faults that frequently happen in LHG begin in the journal bearings or have strong influences in their dynamic coefficients [2, 5] . Therefore, the understanding of journal bearing dynamics has a central importance in fault detection and fault diagnosis in LHG.
Considering this situation, this article proposes a backto-basics step, the using of simplified mathematical models to assist fault detection and fault diagnosis in LHG. It illustrates this proposal by modeling a 700 MW hydrogenerator, with different purposes. Since it is easier to estimate and to monitor bearing stiffness than bearing damping and considering also that both parameters have similar sensitivity to faults [6] , this article focuses on bearing stiffness. A first model is used to estimate the influence of changes in bearing operating conditions in the bearing stiffness, considering only the hydrodynamic effects of an isoviscous oil film with a linear thickness 2 International Journal of Rotating Machinery distribution. A second model simulates the dynamic behavior of LHG under normal operating conditions or in the presence of the more frequent faults, taking into account gyroscopic effects and bearing anisotropy, but using a simplified Rigid Body Model with only 10 degrees of freedom (DOF). Based on the results of these applications, this article shows that these simplified mathematical models give suitable results when bearing conditions are properly determined, results comparable to the those obtained using more advanced mathematical models or to real measurements in the modeled hydrogenerators.
Besides this introductory section, this article is structured as follows. Section 2 presents some experimental results and a brief review of mathematical modeling applied to LHG, which justify the using of simplified models to assist the application of vibration-based condition monitoring techniques to these machines. Section 3 describes the two formerly mentioned mathematical models, including their validation. Section 4 shows applications of these models under the several possible operating conditions of the journal bearings and presents a discussion of the obtained results. Section 5 presents the concluding remarks of this article.
Remarks on LHG Models

Some Remarks on Experimental Aspects.
The experimental aspects and the numerical simulations described in this article are related to the 700 MW hydrogenerators of Itaipu, a 14000 MW hydroelectric power plant operated by a binational company belonging to both Brazil and Paraguay governments. Figure 1 shows a typical hydrogenerator, which is composed of the generator rotor (1), the turbine runner (2), the generator upper (3) and lower (4) shafts, and the turbine shaft (5) . The moment of inertia in rotation (
2 ) is 332. 10 6 kgm 2 and the nominal rotating speeds are 90.9 rpm for the ten 50 Hz units and 92.3 rpm for the remaining ten 60 Hz units. This figure also shows the upper journal bearing (6), the combined thrust and lower journal bearing (7) , and the turbine journal bearing (8) . Finally, Figure 1 shows the upper bearing bracket (9), the combined bearing bracket (10) , and the turbine head cover (11) . Figure 2 shows the typical arrangement of the vibration transducers in the journal bearings. Each bearing has two inductive proximity transducers with a sensitivity of 4 V/mm, used to measure the shaft relative vibrations. These transducers are installed 90 ∘ apart from each other, fixed in the structure that holds the bearing pads. Two low-frequency piezoelectric accelerometers, of industrial type and high sensitivity (1000 mV/g), measure the bearing absolute vibrations. These accelerometers are installed in the same structure that holds the proximity transducers, aligned with these transducers. Charge amplifiers integrate the acceleration signals; therefore, the bearing vibrations are expressed in velocity on this article. The proximity transducers and accelerometers are of accuracy class 5%, which was confirmed for each transducer, by laboratory calibration tests, before installation. These transducers and their assembly in the journal bearings fulfill the requirements and the recommendations prescribed in the applicable international standards [7, 8] . This section describes following some phenomena experimentally observed in the LHG, which have significant influence in the mathematical modeling, and in the vibrationbased condition monitoring of these machines. Reference [9] gives a more complete and detailed description of this type of phenomena. The first phenomenon concerns the radial static loads in the journal bearings of LHG. These bearings are subject to radial static loads like the magnetic load originated by misalignment between generator stator and rotor, as well as like the hydraulic load created by the uneven distribution of the water flow in the turbine wicket gates. Table 1 shows the radial static loads measured in the upper and lower journal bearings of an LHG during bearings special commissioning tests [10] . These journal bearings, equipped with 16 tilting pads regularly spaced, are subject to radial static loads with random and expressive changes in amplitude (from 20 to 360 kN) and direction (over 180 ∘ or 8 pads). Each diagram of Figure 3 shows the average values of two shaft relative vibrations measured 90 ∘ apart in the plane of the three journal bearings of an LHG, plotted against each other. The marks on the diagrams are related to the shaft center position or the shaft eccentricity in the journal bearing. The diameters of the red circles in dashed lines are equal to the nominal values of bearings diametral clearances in operation. Five measurements were taken over a month (4/3, 4/7, 4/14, 4/22, and 4/29) and the remaining five measurements were taken eight months later, also during a period of a month (1/6, 1/14, 1/21, 1/22, and 1/28). The generator load varied from 475 to 700 MW during these measurements. Figure 3 shows that shaft eccentricity may have significant and unpredictable variations. However, this operating parameter may be estimated for vibration monitoring applications using the shaft relative vibrations, as described previously. Figure 4 shows four different distributions of pad clearances in the upper journal bearing of an LHG, which are used in the simulations described in the following sections. The blue circle shows the bearing radial nominal clearance (200 m), referred to as clearance condition A. The green closed curve designates the clearances measured with the generator excited at 0 MW, during bearings special commissioning tests [10] , nominated as condition B. The orange elliptical curve with crossed marks shows the clearances obtained by simulation using commercial software based on the Finite Volume Method (FVM), denoted as clearance condition C. The temperatures measured in the bearing bracket when the generator was operating at a steady-state condition with nominal load (700 MW) were used as boundary conditions in this simulation. Finally, the red outer curve defines the clearances measured at 700 MW, also during the cited bearing special commissioning tests [10] , referred to as condition D. The significant dimensional changes when the generator is loaded are caused by the differential heating of bracket arms, originated by the electromagnetic field induced by the generator terminals, components (12) and (13) in Figure 1 . This effect may have significant consequences but, usually, is disregarded by the most refined bearing models. It makes bearing anisotropic, with clearances much larger than the nominal values, decreasing the predicted bearing stiffness expressively [6] . The distribution of the pads clearances of a journal bearing may be evaluated using the pads temperatures measured at steady-state condition [9] .
Some Remarks on LHG Models.
The dynamic behavior of an LHG has a considerable dependence on the dynamic coefficients of journal bearings [11] . For the sake of convenience, in some cases, the dynamic coefficients are well-defined and fixed parameters [12, 13] . However, it is well-known that bearing operating conditions (radial static load, viscosity, or clearance) have significant influence in the dynamic coefficients [6] . As LHG are vertical rotating machines, the radial static loads in the journal bearings are not predefined. For this reason, some references prescribe this load under different basis. For instance, in the dynamic analysis of Itaipu hydrogenerators, the manufacturer assumed that this load was 600 kN when the generator is excited [14] , independently of the generator power ( Table 1 indicates that this load increases with the generator power and reaches approximately half of this value). Based on previous tests, Nässelqvist et al. [15] considered that the radial static load in the journal bearings of a 42 MW hydrogenerator of vertical assembly was 30 kN. In other references, the radial static load was measured using strain gauges installed in the bearing bracket arms [16] or in the pivot pins of the bearing pads [17] . This load may be also estimated using curves relating radial load with shaft eccentricity, calculated previously. In this case, the shaft eccentricity was estimated using the shaft relative vibration signals acquired in bearing orthogonal directions. The using of four proximity transducers instead of the usual two transducers arrangement, similarly to the procedure used in generator air gap monitoring, may improve this measurement accuracy [18] .
Cardinali et al. [11] modeled a hydrogenerator in two different ways. The first way used a nonlinear model, where the equation of motion was solved simultaneously with the Reynolds equations of the journal bearings pads. The second way used a linear model, where the journal bearing dynamic coefficients were determined under the operating conditions that provide the highest coincidence between the characteristic frequencies of both linear and nonlinear models. Xu et al. [19] also used a nonlinear model, reducing the processing time by means of a database containing the journal bearings forces calculated previously for the several possible operating conditions.
Tiwari et al. [20] remark that "historically theoretical estimation of the dynamic bearing characteristics has always been a source of error in the prediction of rotor-bearing systems," mainly due to the difficulty of determining bearing operating conditions accurately. Both bearing radial static International Journal of Rotating Machinery 5 load and the resulting shaft eccentricity are used to characterize bearing operating conditions. Even in the more refined models, once the shaft eccentricity is determined, the pads clearances are calculated considering that the pivot point of all pads lies in a perfect circle. This means that the bearing housing is ideal, without the dimensional changes described in the previous section (Nässelqvist et al. [17] comment that the geometry of hydrogenerator bearing brackets "changes with temperature, as the generator temperature varies from between 15 and 80 ∘ C," influencing "bearing clearances, which changes the relation between bearing properties"; however, apparently, no further investigations were done in this direction). Then bearing coefficients are determined, considering only the oil film hydrodynamic effects (hydrodynamic model) or considering the additional thermal effects from bearing losses (thermohydrodynamic or THD model) or with the deformation effects created by the oil film pressure (thermoelastohydrodynamic or TEHD model) [21] . Dimond et al. [21] highlight the needs of using TEHD models to theoretically determine the dynamic coefficients, remarking that even in this case the "agreement between theory and experiment for bearing coefficients is seldom better than 10-20 percent."
In most of the references, the journal bearing dynamic coefficients were obtained using Reynolds bearing model, solving Reynolds equation by the Finite Difference Method (FDM). Nevertheless, Xu et al. [19] used the BentlyMuszynska bearing model [22] and Wang et al. [23] solved Reynolds equation using an approximated analytical solution through the Variable Separation Method. LHG shafts are modeled using Bernoulli beam element [11] or Timoshenko beam element [19] . The Finite Element Method (FEM) was used in many of the recent articles, while the Transfer Matrix Method (TMM) is encountered in some older references [14, 24] . In most cases the generator rotor and the turbine runner are modeled as rigid discs [11, 19] ; their radial and axial elasticity are only considered in some cases [14] . The dynamic effects of turbine labyrinth seals are also considered only in a few references [11] . Some articles investigate the effects of magnetic pull in hydrogenerators dynamics [12] . However, the magnetic pull, in itself, is always modeled by a negative stiffness, which is usually determined by the generator manufacturer and depends on empirical coefficients, like the pole factor [25] . This stiffness depends on mainly the magnetic excitation of the generator and should have no significant influence of the generator power.
Simplified Models to Assist Fault Detection and Diagnosis
A mathematical model used to assist fault detection and fault diagnosis in a rotating machine usually requires less refinement than the models used during the design phase. For instance, at the design phase, the journal bearing model must predict adequately how bearing losses will influence oil film viscosity. However, this viscosity may be easily estimated during operation using the monitored temperatures of bearing pads and lubricant.
Mathematical Model to Theoretically Estimate Bearing Stiffness
Model Description.
The frequent, unpredictable, and significant changes in the bearing operating conditions may make the more refined models to determine bearing stiffness useless. Anyway, many times it is necessary to estimate bearing stiffness for a well-defined operating condition. The elementary hydrodynamic model presented in Figure 5 , a tilting pad journal bearing with plane surfaces, may be used in this case. This model uses the rectangular coordinates in the shaft sliding direction, in the shaft axial direction, and across the oil film thickness. Each bearing pad has length and width and is supported by a pivot located at coordinates ( , 0, 0). The oil film thickness is given by = ℎ( ) when shaft and bearing are aligned with thicknesses ℎ in at leading edge and ℎ out at the trailing edge. A given point of shaft surface has velocities , V , and , respectively, at , , and directions. In the same order, a point of the pad surface has velocities , V , and . If pad velocities are negligible ( = 0, V = 0, and = 0) and if shaft surface velocity is negligible at direction ( = 0), the oil film pressure = ( , ) may be obtained by solving Reynolds equation, which is given by [26] (ℎ
where is the shaft tangential velocity and is the lubricant dynamic viscosity. It may be shown that the pad attitude ( = ℎ in /ℎ out ) for this bearing may be determined by the following equation [27] :
Equation (2) gives = 2.775 for the journal bearings of Itaipu generators ( / = 0.4). In this case, the linear oil film distribution is given by [28] 
where = ℎ( = ) is the pad clearance. The former equation has the advantage of determining the oil film thickness distribution directly, if the pad geometry ( and ) and clearance ( ) are known, with no need of an iterative process to determine the pad attitude. Figure 6 shows the oil film thickness measured (green crossed curve) over a pad of the upper journal bearing of a 700 MW hydrogenerator operating at speed-no-load, during bearings special commissioning tests [10] . The oil film thickness was measured dynamically, using a proximity transducer installed in shaft collar. Therefore, this measurement contains errors due to shaft and pad vibrations. The measured pad clearance was 280 m, 40% higher than the nominal value. Figure 6 also shows the linear oil film thickness given by (3). It may be also shown that the following equation is obtained when the Finite Difference Method (FDM) is used to solve Reynolds equation:
where , is the pressure ( , ) at coordinates = Δ and = Δ and Δ is the dimension of square grid used. It also may be shown that the coefficients of (4) are given by
where ℎ is the oil film thickness at = Δ and = ℎ( = Δ)/ . For a linearized oil film thickness, then is constant and is given by
Equation (4) may be solved for determining the oil film pressure distribution on all bearing pads, and these pressures may be integrated over the respective pad areas for determining the forces on the pads. These forces may be used to compute the total force F acting in the bearing, which is a function of shaft position and velocity. If the variations in the shaft coordinates ( , ) and velocities ( , ) are small, the total force components in two orthogonal directions ( ) and ( ) may be represented in a truncated Taylor series expansion as [6] = 0 + + + + ,
where 0 and 0 are the components of the total force acting in the bearing, in the shaft static equilibrium position. The former equation defines bearing stiffness ( ) and damping coefficients ( ) as
Model Validation.
A MATLAB program was written to solve (4), determining the pressure on the bearing pads and the bearing stiffness coefficients given by (8) . This program allows the use of prescribed clearance and oil film viscosity for each individual bearing pad, enabling the determination of bearing stiffness for all clearances conditions shown in Figure 4 . Faults usually change bearing parameters, like clearance, load, and lubricant viscosity. Bearing stiffness and damping coefficients have similar sensitivity to the changes in these parameters [6] . Therefore, as already mentioned, this article has focused on bearing stiffness, as this coefficient is easier to estimate and to monitor for fault detection and diagnosis purposes. The mentioned program was used to determine the oil film pressure distribution over a pad of the upper journal bearing of Itaipu hydrogenerators, with a clearance of 280 m and with an average viscosity of 0.047 Pas, the same values existing in a pad where the oil film pressure was measured [10] . The estimation of the oil film temperature and viscosity considered the results obtained by Daniel and Cavalca [29] . This bearing has 16 pads with length = 0.35 m, width = 0.40 m, / = 0.40, and radius = 1.103 m. The tangential velocity of shaft surface is = 10.6 m/s, considering a 60 Hz hydrogenerator at nominal speed (92.3 r/min). Figure 7(a) shows the pressure distribution obtained using the oil film with linear thickness distribution, as given by (3). Figure 7 (b) compares the theoretically estimated and the measured pressures at the center of the pad. The green and the red dashed curves show, respectively, the pressures calculated using the measured and the linearized oil film thickness distributions, both shown in Figure 6 . The black curve shows the measured pressure. It is not clear if the fluctuations in the measured pressure are real or only noise. Surprisingly, the measured pressure is closer to the pressure calculated using the oil film with linear thickness distribution. The measured load on the pad was 69.8 kN, while the theoretical loads were 61.8 kN (−11%) for the linear and 53.0 kN (−24%) for the measured oil film thickness. Anyway, the closeness of the three curves indicates a satisfactory accuracy for this elementary model, which may be explained by the adequate definition of bearing operating conditions.
The cited program also determines the journal bearing force components, and , for a given shaft eccentricity. Figure 8 shows these force components in the upper journal bearing, when the shaft eccentricity varied in the range from −100 m to +100 m, in 5 m steps. For an adequate comparison with the calculations done by the hydrogenerator manufacturer, we used the nominal clearance (200 m) and a dynamic viscosity of 0.020 Pas. As expected for a tilting pad journal bearing [6] , there are no cross-coupling effects; therefore, = = 0. Figure 8 also indicates that forcedisplacement relationship is nonlinear, analogous to a hardening stiffness with cubic characteristics. A curve fitting gives = 3.90 10 9 ( + 5.95 10 7 3 ) N, with a coefficient of determination 2 = 0.9999. Figure 9 shows the main stiffness values ( and ) of the upper journal bearing achieved with the proposed model and those calculated by the manufacturer during the project [14] , in relation to the radial static load in direction, under the same operating condition. Both models provide null cross-coupled stiffness ( = = 0). The manufacturer used an isoviscous model, considered that the resultant force in each pad passes through the pivot, and neglected deformations in bearing housing and pad supports. The computational method used to solve Reynolds equation was not identified (the manufacturer calculations give = 11.80 GN/m and = 6.15 GN/m, when the radial load is 600 kN in direction; however, in the rotordynamic analysis of Itaipu hydrogenerators, the manufacturer considered that this bearing is isotropic, with an assumed stiffness of = = 6.67 GN/m). The satisfactory results presented in when bearing operating conditions are well-defined. Naturally, more advanced models may give more effective results, if the effects of the phenomena described in Section 2.1 are considered.
Mathematical Model to Simulate the Dynamic
Behavior of an LHG 3.2.1. Model Description. The model described in the following simulates the dynamic behavior of LHG, giving as outputs the monitored six shaft relative vibrations in displacement, as well as the six bearing absolute vibrations expressed in velocity. This model may simulate the most frequent faults in LHG, under arbitrary excitations in the generator rotor and in the turbine runner, including unbalance forces. Figure 10 shows this simplified model, which divides an LHG into four bodies, the rotating part and the three journal bearings brackets. As LHG operate at subcritical speeds and as their shafts are much stiffer than their bearing brackets [14] , the rotating part is considered a rigid body. The bearing brackets are also considered rigid bodies, with an effective mass equal to one-third of their total mass, as used by Cardinali [30] , probably based on the effective mass of an oscillating spring [31] . This model considers the gyroscopic effect and the journal bearings anisotropy, with cross-coupling effects. It assumes that shaft relative vibrations are low enough to neglect the nonlinear effects of bearing stiffness. The effects of the thrust bearing axial stiffness in the lateral vibrations are considered, as this bearing is of Kingsbury type. However, thrust bearings with pads supported by elastic tanks, in normal operating conditions, have no influence in the LHG lateral vibrations [13] . The rotating part has a constant angular velocity Ω around the -axis (the angle around -axis is determined by ( ) = Ω , where is time), and it can make linear displacements in , , and directions, besides angular oscillations around ( ) and ( ) directions. Bearing brackets can make linear displacements along the coordinates and ( = 1 for the upper journal bearing, = 2 for the lower journal bearing, and = 3 for the turbine journal bearing). Table 2 describes the main parameters of this model, whose values were obtained mainly in [14] . The total kinetic energy stored in the LHG may be determined as follows, using the rotation matrices that relate the inertial (O , , ) and the rotating (C , , ) coordinate systems: = (̇,,, , ,̇,̇,̇,̇1,̇1,̇2,̇2,̇3,̇3) .
(9)
In the former equation, the distance between the center of rotation and the center of mass of the LHG ( ) and the angular error between the rotation axis and the polar principal axis of inertia ( ) are parameters of the total kinetic energy. Other parameters are also the rotating mass ( ), the polar moment of inertia ( ), the diametral moment of inertia ( ), and the bearing effective masses ( 1 , 2 , and 3 ). These parameters are shown in Figure 10 and described in Table 2 . In the same way, the total potential energy stored in the LHG has the form = ( , , , , , 1 , 1 , 2 , 2 , 3 , 3 ) .
All the bearings direct and cross-coupled stiffness, the bracket stiffness, the generator magnetic stiffness, and the stiffness of the turbine labyrinth seals, as well as the distances ( 0 to 5 ) shown in Figure 10 , are all parameters of the potential energy. This model considers that all the LHG damping is concentrated in the oil film of the journal bearings, not represented in Figure 10 . The Rayleigh dissipation function is given by = (̇,,̇,̇,̇1,̇1,̇2,̇2,̇3,̇3) . Besides the bearing damping coefficients ( , with = 1, 2, 3), the distances ( 0 to 5 ) shown in Figure 10 are also parameters of the Rayleigh dissipation function.
The LHG equation of motion is determined using Lagrange equation, which is given as [32] (̇) − +̇+ = , = 1, 2, 3, . . . , 10,
where the generalized forces are
In the former equation, F and M are the forces and moments vectors externally applied to body , where r is the position where force F is applied and is the angular velocity of this body around the axis of application of moment M . As thrust bearing pads are evenly distributed and loaded, the axial displacement may be decoupled from the other coordinates [33, 34] . Once is known, monitored shaft relative and bearing absolute vibrations may be determined by a 10-DOF model, represented by the following equation [34] :
where M is the mass matrix, C is the damping matrix, G is the matrix of the gyroscopic effect, and K is the stiffness matrix. Also, in the former equation, x is the generalized coordinates vector and F( ) is the generalized forces vector. Equation (14) may be represented in the state-space as follows:
where 0 is a square zero matrix and I is the identity matrix, both of order 10. A MATLAB program was written to solve the former equation, using an output matrix that provides the output vector of the state equation containing the shaft relative vibrations in displacement, as measured by the proximity transducers installed in the bearing pads support. The output vector also contains the bearing absolute vibrations in velocity, avoiding numerical differentiations or integrations for the comparison with the measured vibrations. Table 3 shows these vibration signals expressed using the coordinates shown in Figure 10 .
Model Validation.
The results obtained with simulations using this 10-DOF Rigid Body Model are compared following the results of two other simulations, used as references. The first group of references is formed by the simulations made by the manufacturer of Itaipu hydrogenerators, using the Transfer Matrix Method (TTM). The main results of these simulations are described in [14] . The second group of references consists of simulations using RotMEF, software based on the FEM developed by CEPEL (Electrical Energy Research Center), to make the rotordynamic analysis of power generating units, but with an emphasis on vertical hydrogenerators. In these simulations, the generator lower shaft and the turbine shaft were modeled as a single hollow shaft, with 11.5 meters length, with inner and outer diameters of 2.10 and 2.60 meters, respectively. Both this shaft and the generator upper shaft (2.80 meters long, with inner and outer diameters of 1.35 and 2.20 meters) were modeled as Timoshenko beams. Turbine runner and generator rotor were modeled as cylinders with the same height, mass, and polar moment of inertia. The dynamic coefficients of the journal bearings, thrust bearing, and turbine labyrinth seals, as well as the generator magnetic stiffness, were used with the same values in all the described simulations. Table 4 shows the first four natural frequencies obtained in the three simulations, with the generator unexcited ( 7 = 7 = 0) and excited ( 7 = 7 = −0.60 GN/m). These natural frequencies may be stratified in three relatively close layers; the TMM natural frequencies are in the lower layer, the Rigid Body Model frequencies are in the upper layer, while the RotMEF natural frequencies are in the middle layer, near the average value of the natural frequencies. The three simulations showed similar vibration modes and Figure 11 shows the results obtained with the Rigid Body Model when the generator is excited. The simulations using the TMM and the Rigid Body Model indicated practically the same position for the nodes of the first two modes, whereas RotMEF indicated these nodes are displaced upwards, in about 15% of the 700 MW hydrogenerator height.
In addition to the similarity of the theoretical results, the first two natural frequencies obtained using the Rigid Body Model with the generator excited (4.71 and 5.12 Hz) are close to the natural frequencies measured in an LHG in operation, 4.85 and 5.25 Hz at 530 MW and 5.50 and 5.75 Hz at 540 MW [35] . All these results indicate the Rigid Body Model may be used to assist vibration monitoring of LHG (the natural frequencies obtained using the Rigid Body Model are similar to the frequencies obtained by the other two methods because LHG is a subcritical rotating machine that operates at speeds The symbol " * "indicates that the shaft position is different. In the clearance condition A the pad clearances are in the nominal values (200 m) and the shaft is centered at coordinates (0,0). In clearance condition A* the pad clearances are once more in the nominal values but the shaft has an eccentricity of 67 m.
far below the first critical speed; however, the Rigid Body Model overestimates LHG critical speeds and it shall not be used for this purpose). Again, it is important to remark that more advanced models may give more effective results only if the effects of the phenomena described in Section 2.1 are considered. Table 5 shows the upper journal bearing stiffness determined for the clearances conditions A to D, as shown in Figure 4 . This table indicates that bearing stiffness may vary significantly with the change in shaft eccentricity. For instance, a shaft eccentricity of 67 m in direction, equivalent to one-third of the bearing radial nominal clearance, increases bearing stiffness in approximately 65%. Table 5 also shows that the large clearances with uneven distribution decrease bearing stiffness to a quarter of its nominal value or less and create cross-coupling effects in the anisotropic bearing. The influence of these effects in the LHG dynamics is shown in the following sections.
Applications of the Simplified Models and Discussion of the Results
Effects of Pad Clearances Distributions in the Bearing Stiffness.
Effects of Bearing Parameters in the Bearing
Stiffness. Simulations with the model described in Section 3.1 have shown that bearing stiffness is directly proportional to the shaft speed and to the lubricant viscosity, even when the distribution of bearing clearances becomes elliptical, due to bearing housing dimensional changes. Due to the well-known relationship between the viscosity and the temperature of lubricant oil, the bearing stiffness decreases exponentially with the lubricant temperature increase. Figure 12 shows the variation of the upper journal bearing stiffness with the lubricant temperature when the bearing has clearance condition C. All the direct and cross-coupled bearing stiffness values have the same dependence on the lubricant temperature. Figure 13 shows the variation of the upper journal bearing stiffness with the proportional variation of the relative clearance when the journal bearing has a clearance elliptical distribution proportional to clearance condition C (in Figure 13 , is the pad clearance and ref is the reference pad clearance, measured when the bearing had clearance condition C, as shown in Figure 4 ). All the direct and cross-coupled bearing stiffness values decrease with the third power of the bearing clearance increase. These simulations have shown that the lubricant temperature and the bearing clearance have a major influence in bearing stiffness and, consequently, in the dynamic behavior of LHG.
Effects of Pad Clearances Distributions in Shaft and Bear-
ing Vibrations. Table 6 shows the shaft relative and the bearing absolute vibrations obtained in simulations with the generator rotor unbalanced with ISO quality grade G4.25, using the five bearing stiffness values shown in Table 5 . In The symbol " * "indicates that the shaft position is different. In the clearance condition A the pad clearances are in the nominal values (200 m) and the shaft is centered at coordinates (0,0). In clearance condition A* the pad clearances are once more in the nominal values but the shaft has an eccentricity of 67 m.
the first three simulations, the hydrogenerator was in speedno-load (SNL) condition, with 7 = 7 = 0. In the remaining three simulations, the generator was excited, with 7 = 7 = −0.60 GN/m. For simplicity, it was considered that the lower journal bearing stiffness varied in a proportional manner to the upper bearing stiffness variation. The turbine bearing stiffness was kept constant at the nominal value, as this bearing is away from the influence of the generator electromagnetic field. Table 6 shows that, in these conditions, the generator rotor unbalance affects mainly the generator journal bearings; the influences in the shaft and bearing vibrations are much lower at the turbine journal bearing. This table also indicates that, at the speed-no-load condition, the shaft vibrations obtained in the generator bearings with the measured clearances (condition B at SNL) are practically the double of the vibrations determined with the nominal clearances (condition A at SNL). This is an example of the prediction errors mentioned by Tiwari et al. [20] . Table 6 shows that shaft relative and bearing absolute vibrations may increase up to 40% when the generator is excited. Also, this table shows that shaft relative vibrations are more sensitive to the changes in bearing stiffness compared to bearing absolute vibrations.
Effects of Pad Clearances Distributions in the Natural
Frequencies. Table 7 shows the effects of pad clearances distributions in the natural frequencies of the LHG rotating part. The calculations were performed with and without the generator magnetic stiffness, with bearings stiffness in the same conditions described in Table 5 . The natural frequencies of the first and second modes are more susceptible to the changes in clearance distribution and bearing stiffness, especially the frequencies of the backward precession mode. These natural frequencies are also more susceptible to the effects of the generator magnetic stiffness. In both situations, the natural frequencies of the third and fourth modes are much less sensitive to changes.
Effects of Bracket Stiffness in the Natural Frequencies.
Bearing stiffness may vary significantly, in normal operating conditions or with the advent of several types of faults in the LHG. Bracket stiffness may change only in the last condition, in the occurrence of some specific faults. Figure 14 shows the variation of the first four LHG natural frequencies in relation to the rate between bearing stiffness and bracket stiffness ( / ). Again, for simplicity, it was considered that this rate varied equally for the three journal bearings, which were considered isotropic ( = ). This figure shows that natural frequencies practically do not change for high rates ( / > 1.5), and once in this range the brackets stiffness dominates the LHG dynamics. On the other hand, when bearing stiffness is lower than bracket stiffness, the mentioned dynamics are expressively affected by variations in the stiffness rate. Figure 15 shows the shaft relative and the bearing absolute vibrations measured in direction of the upper journal bearing of an LHG, which was operating at speed-no-load and steady-state conditions when the generator rotor had an unbalance ISO quality grade G4.25. Figure 16 shows the same signals but measured at the lower journal bearing. On both figures, the upper diagrams show the vibration signals in time domain, acquired during 90 seconds with a sampling frequency of 600 Hz. The symbol " * "indicates that the shaft position is different. In the clearance condition A the pad clearances are in the nominal values (200 m) and the shaft is centered at coordinates (0,0). In clearance condition A* the pad clearances are once more in the nominal values but the shaft has an eccentricity of 67 m. The lower diagrams show Welch's power spectral density estimate of these signals, obtained using a Hann window with 8192 points. Shaft vibration spectra were calibrated for displacement in m, while bearing vibrations spectra were calibrated for velocity in mm/s, both in peak values. The Rigid Body Model was used to simulate the hydrogenerator dynamic behavior with the same unbalance level in the generator rotor and with the nominal parameters shown in Table 2 . The shaft and bearing vibration signals, obtained in this simulation, were significantly different from those measured and shown in the last two figures. Considering the reductions in the bearing stiffness described in Section 4.1, these parameters were diminished until simulated and measured shaft vibrations had similar values. Only the stiffness of the generator journal bearings was reduced, and the remaining parameters of the model were kept constant. The upper journal bearing stiffness values ( 1 and 1 ) were reduced from 6.67 to 0.77 GN/m, whereas the lower journal bearing stiffness values ( 3 and 3 ) were diminished from 2.86 to 0.63 GN/m. The upper journal bearing stiffness (0.77 GN/m) is between the stiffness shown in Table 5 with clearance condition C and the values experimentally estimated in [36] ; therefore, this is a feasible value. Figures 17 and 18 show the vibration signals obtained in the described simulations. Table 8 compares the measured and simulated vibrations at the rotating speed, in peak values. This table shows that errors are negligible for shaft vibrations but they are considerable for bearing vibrations. For shaft vibrations, besides the intrinsic errors of transducers accuracy class, the errors originated by the mechanical and the electrical runout should be considered. For bearing vibrations, despite the high sensitivity (1000 mV/g) and low cutoff frequency (0.5 Hz) of the accelerometers, it should be noted that the acceleration signals at the rotating speed (92.3 r/min) have only a fraction of millivolts. For instance, the vibration measured in the upper journal bearing (0.218 mm/s in Table 8 ) generates only a 0.21 mV signal. This low amplitude makes the signal handling difficult, especially in such noisy environment. This could partially justify the significant errors observed in bearing absolute vibrations. Therefore, the piezoelectric accelerometers must be replaced by a more suitable absolute vibration transducer, with better performance in the low-frequency range.
Simulations with the LHG Model.
These simulations indicate that the simplified 10-DOF Rigid Body Model may describe adequately the dynamic behavior of an LHG in the frequency domain. This simulation also confirms that bearing stiffness is much lower than the theoretical values determined using the nominal clearances, as was verified in Section 4.1.
Concluding Remarks
The typical changes in the operating and boundary conditions of LHG journal bearings make the accurate determination of bearing dynamic coefficients and, consequently, the prediction of the dynamic behavior and the vibration monitoring of these machines difficult. This article has proposed a back-tobasics step, the application of simplified mathematical models to assist fault detection and fault diagnosis in LHG, and it has illustrated this proposal by modeling 700 MW hydrogenerators. Though simplified, these models were validated by comparing their results with the results obtained using more refined models or with real vibration signals, measured in the modeled hydrogenerators. Among other results, these models have shown that the journal bearing stiffness of LHG may be one order of magnitude lower than the theoretical values, due to dimensional changes in the bearing housing, which are usually neglected even by the most sophisticated bearing models. The satisfactory performance of simplified models and their effectiveness in assisting fault detection and fault diagnosis in LHG naturally depend on the accurate definition of bearing operating and boundary conditions. Therefore, to minimize the probability of false positive and false negative alarms, the improvement of this accuracy is suggested. One may mention, as examples, the monitoring of all bearing pads temperatures, the using of four transducers to measure shaft relative vibrations at each journal bearing, and the search for better transducers to measure bearing absolute vibrations in the range of LHG rotating speed.
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